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Abstract

This paper aims at investigating the effectiveness of squeeze oil film in suppressing the longitu-
dinal vibration of propulsion shaft systems through a novel integral axial squeeze film damper (TAS-
FD). After designing the IASFD, a propulsion shafting test rig for the longitudinal vibration control
is built. Longitudinal vibration control experiments of the propulsion shafting are carried out under
different magnitude and frequency of the excitation force. The results show that both IASFD elastic
support and IASFD elastic damping support have excellent vibration attenuation characteristics, and
can effectively suppress the longitudinal vibration of the shaft system in a wide frequency range.
However, IASFD elastic damping support has a more significant vibration reduction effect than the
other supports, and increasing the damping of the system has obvious effect on reducing the shafting
vibration. For an excitation force of 45 N, the maximum reduction of the vibration amplitude is 89.

16% . Also, the vibration generated by the resonance phenomenon is also significantly reduced.

Key words: integral axial squeeze film damper (IASFD) , propulsion shafting, longitudinal vi-

bration, vibration damping

0 Introduction

When the ship is sailing, due to the uneven flow
field in the water, the propeller is subject to pulse
power, which can be transmitted to the ship’ s shell
through the propulsion shafting system and the founda-
tion, causing the shell to vibrate''.
tion makes the crew uncomfortable and affects the use

of ship’ s precision instruments. In the military field,

Long-term vibra-

acoustic radiation caused by vibration is an important
factor affecting the concealment of submarines'” .
Therefore, how to reduce the transmission of longitudi-
nal vibration of propulsion shafting to the hull has be-
come a focus on ship research.

At present, hydraulic vibration absorber, dynamic
vibration absorber, and rubber isolator are among the
main methods to control the longitudinal vibration of a
propulsion shafting. Hydraulic damping technology is
most widely used in controlling the longitudinal vibra-
tion of shafting. This technology originated in a thrust
measuring equipment’’ designed by Michell Bearing.

On this basis, Ref. [4] proposed a resonance changer

(RC) hydraulic damper and gave its theoretical mod-
el. Ref. [5] established the mathematical model of the
transmission channel of the longitudinal excitation force
of a propeller shaft system. Moreover, Ref. [5] opti-
mized the structural parameters of RC by the transfer
matrix method to reduce the transmission of the exciting
force to the hull. The application of a hydraulic vibra-
tion absorber reduces the axial vibration of the propul-
sion shafting and does not bring strong axial resonance
when the propulsion shafting works at low speeds'®’.
However, the structure of the hydraulic vibration ab-
sorber is complex, and it also requires an ample instal-
lation space. The dynamic vibration absorber is an ad-
ditional subsystem of the propulsion shafting, which
can effectively attenuate the resonance peak in a spe-
cific frequency range, thereby reducing vibrations'’ .
Ref. [ 8 ] designed a magneto-theological elastomer dy-
namic vibration absorber (MRE-DVA). By controlling
the magnitude of current, the shear stiffness of magnet
orheological elastomer changes rapidly, thereby chan-
ging the natural frequency of the dynamic vibration ab-
sorber to suppress the vibration of the shaft in a wide
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frequency range. However, excessive current amplifies
the vibration of the shafting'®', and the temperature in-
fluences the properties of MRE considerably. Yang

1. ' studied a rubber vibration isolator that can

et a
isolate the vibration transmission by embedding a rub-
ber vibration isolator in the thrust bearing shell. The
isolator has a simple structure and good impact resist-
ance. However, at low natural frequency of the propul-
sion shafting, the vibration isolation effect is weak,
and the isolation frequency band is narrow'"'. Subse-
quently, scholars successfully applied the active con-
trol technology to the longitudinal vibration of the shaft-
ing' ). Ref. [13] designed an active electromagnet-
ism dynamic vibration absorber, which generated elec-
tromagnetic force through the electromagnetic actuator
to make an inertial mass oscillate with small amplitudes
at the equilibrium position. The generated force offsets
the longitudinal vibration of the shafting. However, ac-
tive control technology strongly depends on external en-
ergy, and its parameters are difficult to control "',
The squeeze film damper (SFD) has been widely
used in aero-engines due to its excellent dynamic char-

[15]

acteristics -, and also in steam turbines and other ro-

tating equipment''®’. According to some studies, the
oil-film of SKD flows along the entire circumference,
resulting in highly nonlinear oil film force' " There-
fore, the integral squeeze film damper (ISFD) has
emerged. However, the current literatures only investi-
gate the control of the radial vibration of the rotor by
ISFD! %)
vibration control of the shaft system has been found.
Therefore , based on ISFD with excellent vibration

damping performance , this paper proposes and designs

and no related research on the longitudinal

an integrated axial squeeze film damper (IASFD) to
control the longitudinal vibration of the shaft system.
The IASFD provides a certain rigidity of the shaft sys-
tem and introduces additional damping to the system,
thereby effectively suppressing the vibration of the shaft
system in a wide frequency range. The longitudinal
static stiffness of IASFD is verified through theoretical
calculations and experiments. The mechanical model of
IASFD for reducing the vibration is established. An ex-
perimental platform for controlling the longitudinal vi-
bration of propulsion shafting is set up to investigate the
suppression effect of IASFD on shafting vibration for
different frequencies and magnitudes of the excitation
force.

1 Introducing the IASFD structure

Based on the ISFD, an TASFD for controlling the

longitudinal vibration of the shafting system is proposed

and designed. Fig. 1 shows the structure of IASFD con-
sisting of a cylindrical structure with internal cavities
for storing hydraulic oil. In the circumferential direc-
tion of IASFD, there are squeeze film areas and an S-
shaped elastomer. The squeeze film area is a discontin-
uous annular gap that penetrates IASFD in the radial
direction and is evenly and symmetrically distributed
along the circumference of IASFD. The squeezed film
area can be used to store hydraulic oil and form an oil
film damping effect under the action of the squeeze.
The S-shaped elastomer is formed by two layers of
S-shaped gaps that are nested and disconnected and is
evenly and symmetrically distributed along circumfer-
ence of IASFD, thus providing the devicewith specific
axial stiffness. Four screws fix TASFD to the bearing
block, and an O-ring is installed in the bearing block
so that when IASFD is mounted in cooperation with the
bearing block, a closed cavity can be formed.

Wy uaw
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1-Squeeze film area; 2-S-shaped elastomer;
3-Threaded hole; 4-0il inlet hole
Fig.1 The structure of IASFD

Fig.2 shows the 3D cross-sectional view of the
shaft system consisting of IASFD, bearing block, thrust
bearing, and thrust shaft. The thrust disk and the
thrust ball bearing transmit the longitudinal vibration of
the thrust shaft to TASFD, so the S-shaped elastomer
deforms. Under the action of squeezing, the oil film in
the squeeze film area of IASFD will form damping
effect to suppress the longitudinal vibration of the thrust

shaft.
2 Modelling the IASFD

2.1 Calculation of TASFD static load-displace-
ment curve

The TASFD model was established in the ANSYS
Work bench commercial software ; the material property
was set to 1Cr13. The solid 185 solid element was
used, and the grid element level was fine. A fixed
constraint was imposed on one end face of IASFD, and
a series of increasing axial static loads from 50 N to
500 N in steps of 50 N was applied to the opposite face.
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1- Thrust shaft; 2- Thrust disk; 3-Thrust ball bearing; 4-IASFD; 5-Sealed
end cap; 6-0il inlet nozzle; 7-0il outlet nozzle; 8-Bearing block ; 9-O-ring
Fig.2 The shafting support system section of IASFD

Table 1 lists the displacement of IASFD under different
static load forces. Fig.3 shows the curve of the dis-
placement of IASFD with the static load. Fig.4 is the
displacement cloud diagram of IASFD under static
loading of 200 N.

According to Fig.3, the axial deformation of IASFD
is linear with the load so that the stiffness can be calcu-

lated by

Table 1 Displacement of IASFD under different static loads
Load/N Displacement/mm
50 0.009822
100 0.019643
150 0.029465
200 0.039287
250 0.049108
300 0.058929
350 0.068751
400 0.078572
450 0.088394
500 0.098215
0.10F
g 0.08 -
2 006}
5
a
0.02 .//

0 1 1 1 1 1
0 100 200 300 400 500
Static load /N
Fig.3 Variation of IASFD displacement with static load
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Fig.4 Displacement cloud chart of IASFD under a static
load of 200 N

F,
K_[Z(Fi)]/n (1)
where, K is stiffness (N/m), F,is load (N), U, is

displacement (mm) under the load F,, and n is the
number of loads.

Eq. (1) is used to calculate the stiffness value of
IASFD under each load in Table 1; IASFD stiffness K

is the average value, i.e. ,K=5.0908 x 10° N/m.

2.2 Measurements of IASFD longitudinal static
stiffness

In order to verify the above static load-displace-
ment curve, an experimental testing bench for measur-
ing the longitudinal static stiffness of TASFD was set
up. After measuring the stiffness of IASFD, the values
are compared with the calculation results from the finite
element software.

Fig.5 is a schematic diagram of IASFD longitudi-
nal static stiffness measurement experimental bench,
and Fig. 6 shows the actual test rig. The testing bench
is composed of a base, an IASFD, an eddy current sen-
sor, a magnetic base, a steel plate, and a mass. The
distance from the eddy current sensor probe to the sur-
face of the conductor is directly proportional to the out-
put voltage of the front-end circuit. Thereby, a dis-
placement measuring device consisting of an eddy cur-
rent sensor, a front-end circuit, and a multimeter were

Heavy object

Steel plate

Eddy current
QN sensor

i

Fig.5 A schematic diagram for measuring the longitudinal
static stiffness of IASFD

Base
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Steel plate

Eddy current
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Fig.6 The testing bench for measuring the IASFD
longitudinal static stiffness

used to measure the small displacement of TASFD. The
output voltage of the front-end circuit was measured with
a multimeter.

The TASFD was fixed on the base first. Then, the
steel plate for carrying the mass was mounted on the
TASFD. Furthermore, the de-
formation of IASFD was measured by the eddy current

through the steel plate,

sensor. The multimeter reading was recorded at the be-
ginning of the experiment (U, ) and after the mass was
installed on the steel plate (U,). Then, after removing
the mass, the multimeter reading was recorded again
(U;). If U, and U, are approximately equal, it means
that the installation of the mass affects the actual read-
ing of the multimeter.

Let & be the deformation of IASFD after installing a
mass of 14.7 kg, and F the force generated by applying
the mass, so F =mg =147 N. Then, IASFD longitudi-
nal static stiffness is k =F/8

In the experiment, to reduce the error, the reading
satsix different locations of the sensor probe were con-
sidered. Table 2 summarizes the multimeter experimen-
tal readings.

Table 2 Experimental measurements

Measuring point U,/v U,/V AU/V
1 7.5 7.47 0.28
2 9.78 9.48 0.30
3 9.67 9.48 0.19
4 6.90 6.69 0.21
5 8.41 8.16 0.25
6 8.46 8.18 0.28

In this experiment, the sensitivity of the eddy cur-
rent sensor is 8§ V/mm. From the experimental data, the

following information is known; the average value of the
voltage variation is 0.25 V; The deformation amount of
TASFD after weighting is 0.25/8 =0. 03125 mm, so the
calculated stiffness of TASFD is k =147 N/0. 03125 mm
=4.704 x10° N/m.

The allowable error >’ of this experiment is 15% .
Compared with the finite element calculation result of
5.0908 x 10° N/m, the error of the measured stiffness
is 7.58% .

mental process, the measurement error is within the al-

Due to some uncertain factors in the experi-

lowable error range.

2.3 IASFD discrete model

Since the IASFD can produce a specific damping
force and provide a certain support stiffness for the
shafting system, the device can be approximated to a
spring and a damper connected in series in the shafting
system. The damping of the thrust ball bearing is small
enough to be negligible, so it can also be approximated
as a spring. Fig.7 shows the discrete mechanical mod-

el consisting of the bearing block, the IASFD and the
thrust ball bearings.

F(1)

Fig.7 The mechanical model of IASFD

where, F(t) is the exciting axial force of the shafting,
m is the total mass of the thrust ball bearing and IAS-
FD, k, is the stiffness coefficient of the thrust ball
bearing, k, is the stiffness coefficient of IASFD, ¢, is
the damping coefficient of IASFD. The stiffness of the
thrust ball bearing and TASFD are connected in series,
and the stiffness after connection is k= (k, « k,)/(k,
+k,). The stiffness k of the series is less than that of
IASFD. The designed TASFD stiffness is much smaller
than that of thrust ball bearings so that thrust ball bear-
ings can be approximated as a rigid body. The discrete
model (Fig.7) is further simplified to the mechanical
model as shown in Fig. 8, where £ is the stiffness coef-
ficient of the support system, and ¢ is the damping co-
efficient of the support system.

The differential equation of motion of the simpli-
fied system is

mi(t) +cx(t) + kx(t) = F(t) (2)

The transfer function of the vibration system is ob-
tained by Lagrange transformation of the above equa-
tion :
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Fig.8 Simplified model of IASFD support system
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Let s = iw, then the amplitude-frequency charac-

| G(s) | =

teristic of the system is

S 1
| Gliw) | = [(k - mo)) + ] (4)

For a vibration system with an excitation force

F(t) =F,cos(wt), the analytical formula for the am-
plitude x, is
Fy
= 5
Xo [(k—mw2)2+62w2]1/2 (5)

If the force on the system is a constant force F,

the static displacement of the system is
b =2 (6)
The dynamic amplification factor of the system is
defined as the ratio of the amplitude generated by the
unit harmonic force to the static displacement generated
by the unit constant force. The system dynamic ampli-
fication factor is

_ M _ 1
B_xsz _[(l—)l)2+4§2)\2]1/2 (7)

where, A =w/w, is system frequency ratio, w, is natu-

ral frequency corresponding to the undamped system, ¢

€ - : .
= is damping ratio of the system.

2 /mk
Set the original damping of the system to be ¢,
and the increased damping after using IASFD is ¢,,
then the damping ratio after increasing the damping ¢,
is

=1+ (8)
e
From Eqs(7) and (8), IASFD can significantly

increase the damping coefficient of the system, that is,
it increases the damping ratio of the system, thereby
reducing the dynamic amplification factor. Therefore,
using IASFD in the shafting system can reduce the vi-
bration of the shafting system.

Also, Fig.9 shows the variation of dynamic ampli-
fication coefficient B8 of the system with the change of
frequency ratio A and damping ratio /. The more signif-
icant the damping ratio, the smaller the dynamic am-
plification factor, that is, the smaller the vibration am-
plitude of the system.

B
5.0

4.0
3.0
2.0

1.0

30 A

Fig.9 The curve of amplitude changing with frequency
[22]

0.5 1.0 1.5 2.0 25

ratio and damping ratio

3 Experimental tests

3.1 Test rig description

The test bench (Fig. 10) is composed of step-less
speed regulating motor, bearing block, thrust disk,
IASFD, sleeve, electric vibration exciter and oil pump.
The sleeve is equipped with a pair of inverted tapered
roller bearings, which are used to transmit the longitu-
dinal vibration generated by the vibration exciter to the

I Sleeve I

[1ASFD| [Thrust disk|

Bearing bloc

, A
. v 7 B
e k

/ r Eddy current sensor
-—

A

Fig.10 Test rig for longitudinal vibration control of propulsion shafting
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thrust shaft and connect the rotating thrust shaft with
the main shaft of the linear vibration exciter. The motor
drives the thrust shaft to rotate through the elastic cou-
pling. The diameter of the thrust shaft, made of bear-
ing steel, is 10 mm. The thrust shaft is fixed with a
thrust disk that transmits the longitudinal vibration to
the thrust ball bearings on the left and right sides and
transmits the vibration to the bearing block through the
thrust ball bearings. When mounted, the damping
effect of IASFD absorbs the vibration in the left and
right directions in the shaft system. The flexible cou-
pling isolates the motor from the exciter, eliminating
the effect of the motor on the longitudinal vibration of
the shaft system.

During the experiment, an LC8000 multi-channel
vibration data acquisition system was used for the vi-
bration tests, to store and analyze the vibration data.
An eddy current sensor measured the vibration ampli-
tude of the disk on the thrust axis to obtain the longitu-
dinal vibration of the thrust shaft.

In order to compare the vibration reduction effect
of TASFD on propulsion shafting for different magni-
tudes and frequencies of the exciting force, the rigid
sleeve and TASFD support were used in turn as a sup-
port structure for the shafting ( Fig. 11). Also, com-
parative experiment was carried out using TASFD with
and without oil supply. Without providing oil, the IAS-
FD acts as elastic support, otherwise, it acts as elastic
damping support and introduces damping into the sys-
tem.

(a) IASFD

(b) Rigid sleeve
Fig.11 The two kinds of shaft support system

3.2 Results and discussion

As the main shaft speed of the propeller on the ship
is 150 — 300 rpm, the motor speed was controlled at
200 rpm in the experiment.

The output force of the exciter was 15 N, and the
exciting frequency varied from 5 Hz to 30 Hz in steps of
5 Hz to measure the longitudinal vibration amplitudes
of the thrust shaft at different frequencies. Then the

output force was increased in steps of 3.75 N until
45 N, and the above test was repeated for each step.

Fig. 12 compares the curves of vibration data
measured under different working conditions.

Under different excitation conditions, compared to
the rigid support, both IASFD elastic support and TAS-
FD elastic damping support suppress the longitudinal
vibration of shafting significantly. With the increase of
the excitation force, the maximum amplitude of the
three supports increases. The rigid support has the most

25
—=— Rigid support
~#— Elastic support
20 | —*— Elastic damping support
E .—4‘\/
=2 15+
]
2
§ 10+
5h
5 10 15 20 25 30
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(a) 15N
35
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30H - Elastic support
—&— Elastic damping support
251
g
< 20F
3
£
g 15}
10+
! ‘,1__.,,_1/‘\‘%_«.
O 1 — 1 _ _ 1 v 1 1 i 1
5 10 15 20 25 30
Excitation frequency/Hz
(b) 18.75N

40 || = Rigid support
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35 H —a— Elastic damping support

30

25+

Amplitude/pm
N
S

15
10
T A—ZJ\'/‘\.“ﬂ
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5 10 15 20 25 30
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Fig.12 Comparison of vibration amplitude of support structures under different excitation forces

significant amplitude variation, from 24.14 pm to
60. 87 wm; while that for IASFD elastic damping sup-
port is relatively stable, from 1.3 pm to 26. 84 pm.
For the case of rigid support, when the excitation
frequency is 20 Hz, the vibration amplitude changes
abruptly. In the experiment, the exciter and bracket
shake noticeably at 20 Hz compared with other excita-
tion frequencies. The analysis considers that the phe-

nomenon maybe occurs because the excitation frequency
is close to the natural frequency of the system com-
posed of the exciter and the support, which causes the
system resonance. The resonance at 20 Hz improves
significantly both for IASFD elastic support and IASFD
elastic damping support.

When the excitation force is between 15 N and

22.5 N, the amplitudes of the shaft under TASFD elas-
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tic support and IASFD elastic damping support are al-
most the same because of the higher stiffness of the
IASFD designed. Therefore, for small vibration ampli-
tudes, IASFD cannot form an efficient squeezing oil
film. In the range of 26.25 —45 N, the difference be-
tween the vibration amplitudes for the two types of sup-
port gradually increases. Compared with IASFD elastic
support, the vibration amplitude of the shaft with IAS-
FD elastic damping support is smaller. One can infer
that the vibration damping effect of IASFD becomes
more evident with the increase of the excitation force.

In order to further compare the damping efficiency
of IASFD, Table 3 and Table 4 summarize the vibra-
tion data for the excitation force of 45 N. Moreover,
Fig. 13 gives the frequency spectrum of each excitation
frequency of three supports for the frequency-domain
comparison.

It can be seen from Table 3 that the longitudinal
vibration amplitude of the shaft system is reduced to a
certain extent with IASFD elastic support, compared to
the case of rigid supports, with a decrease between
10.38% and 50.5%. Taking the vibration of the thrust
shaft at 20 Hz as an example, when the rigid support is
changed to IASFD elastic support, the vibration ampli-
tude is reduced from 60. 87 pm to 30. 13 pm, decrea-
sing by 50.5% .

Table 3 Comparison data between the rigid support and IASFD
elastic support for excitation force of 45 N

Frequency/Hz Rigid IASFD elastic Decrease/ %
support/ pm support/ um
5 26. 14 21.66 17.14
10 27.41 2169 20.87
15 2853 20.71 27.41
20 60. 87 30.13 50.50
25 32.09 28.76 10.38
30 32: 71 26.62 18.62

From Table 4 it can be seen that IASFD elastic
damping support reduces the longitudinal vibration of
the shaft system more significantly than the rigid sup-
port, with a decrease of more than 80% . Similarly,
taking the vibration of thrust shaft at 20 Hz as an exam-
ple, after the rigid support is replaced by IASFD elas-
tic damping support, the vibration amplitude is re-
duced from 60.87 pwm to 11.76 pwm, and the decrease
reaches 80.68% . Comparing Table 3 and Table 4, the
results suggest both TASFD elastic support and IASFD
elastic damping support reduce the vibration effective-
ly, and the effect of TASFD elastic damping support is

more significant than TASFD elastic support.

Table 4 Comparison data between the rigid support and IASFD
elastic damping support for excitation force of 45 N

Riid IASFD elastic

Frequency/Hz damping Decrease/ %
B P support/ pum
5 26. 14 3.45 86.80
10 27.41 2.97 89.16
15 28.53 3.21 88.75
20 60. 87 11.76 80. 68
25 32.09 6.37 80. 15
30 32.71 6.21 81.01

Due to space limitations, considering Fig. 13(a)
as an example, the frequency spectrum contains many
harmonic components. At each frequency, the vibra-
tion amplitude of the rigid support is the largest, fol-
lowed by the one of TASFD elastic support, while that
of TASFD elastic damping support is the smallest.

IASFD elastic support and IASFD elastic damping
support suppress the longitudinal vibration amplitude of
the shafting effectively at each excitation frequency.
Moreover, IASFD elastic damping support is more effi-
cient in reducing vibrations than the others. In the dia-
grams, the vibration amplitude corresponding to the ex-
citation frequency is the largest; compared with the rig-
id support, the amplitude corresponding to the excita-
tion frequency reduces significantly after using IASFD
elastic damping support.

4 Conclusion

This paper proposes the design of an integrated
axial squeeze film damper (IASFD). The experimental
static stiffness of IASFD was measured, and an experi-
mental platform for the longitudinal vibration control for
apropulsion shaft system was built. Under the condi-
tions of different excitation force and frequency, the
experimental research on the suppression effect of IAS-
FD on the vibration of the shaft system was carried out.
The main conclusions are as follows.

(1) In a wide frequency range, IASFD elastic
support and IASFD elastic damping support both have a
certain suppression effect on the longitudinal vibration
of the shaft system. The vibration damping of IASFD
elastic damping support with oil supply is more obvious
compared to IASFD elastic support without oil supply.
The results suggest the presence of the oil significantly
increases the damping of the shaft system, further re-
ducing the longitudinal vibration of the shaft system.
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Fig.13 Comparison of frequency spectra of support structures for different exciting frequencies when the excitation force is 45 N

(2) When the excitation frequency is close to the
natural frequency of the system composed of the exciter
and the bracket, an evident resonance phenomenon ap-
pears, and IASFD elastic damping support can effec-
tively reduce the vibration due to the resonance phe-
nomenon.

(3) With the increase of the excitation force, the
maximum amplitude of the propulsion shaft system also
increases. After IASFD elastic support and the elastic

damping support are adopted, the vibration of the pro-
pulsion shaft system is significantly reduced. When the
excitation force is 45 N, the maximum reduction of the
amplitude of vibration for the elastic support is 50.5% ,
while for IASFD elastic damping support, it is 89. 16% .

IASFD is effective in controlling the longitudinal
vibration of the shafting. Further study on the influence
of the oil supply pressure on the vibration reduction of

IASFD elastic damping support is needed.
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